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ABSTRACT

The resulting dynamic
environment and humans generated by vibration ansens
dependent on the vibro-insulating components aadjtfality of
resilient materials used in the mounting of thesmmonents.
Well-designed vibration isolation of vibrating soes can
effectively reduce the transmission of vibro-acmushergy into
supporting and surrounding structures. Based oguéecy
spectrum, the vibro-isolation efficiency of variousbro-
insulating components and their resilient materiglanalysed.
The solution of this problem is based on theorkkicawledge and
methodology of the transmission of vibration-souvalves and
measurement of the machines involved. Measurements
vibration at the sources and along the path oétrassion, as well
as sound measurements, were performed for differdaro-
isolators to compare real results with theory. Meed
components include; isolation of a recirculation fia a heating
plant, air-conditioning unit, and combustion engioé a
passenger vehicle. For the detection of the vilmamuistic energy
the vibration and sound were measured and FFT sisalyas
applied. Finally, this paper suggests measureshadzn be taken
to reduce undesirable vibro-acoustic energy on mash the
environment and bystanders.

INTRODUCTION

Mechanical vibration and damping by vibration itota
and/or resilient material constitute the two mostdely
applicable means of vibration control in structbmene sound,
particularly in the low and audio frequency rany&ration
isolation, in essence, involves use of a purposenection
between the source of vibration and the surroursditeg be
protected so that the surroundings vibrate less Wieen a rigid
connection is used. In some typical situationssthace consists
of a vibrating mechanical system and the item tpto¢ected is
a receiving structure such as the mounting basenaéchanical
system, vehicle bodies, nearby surroundings suclother
machines, technological and building structures, éflany
salient features of vibration can be analysedrimseof a simple
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model consisting of a rigid body that is connediz@ support
via a linear spring constrained to translate alargjngle axis
(e.g. recirculation fan, air-conditioning units acdgeneration
units). More complex models are needed to addriasatisns

where the magnitude of excitation depends on théiom®
involved, where an additional spring-mass systennserted
between the mounting base and its surroundings/oarat

comparatively high frequencies where the isolatassnplays a
significant role or where the isolated resilienttenals do not
behave as rigid bodies (e.g. vibration isolationaofounting
base). Other complications arise because of nomxiabi
motions and nonlinearities (e.g. combustion engiBgmping
refers to the reduction of mechanical energy fropagticular
vibration of concern. This reduction may resulthie transfer of
energy to structural components, fluids, or vilmatmodes or
from conversion of mechanical energy into othenferVarious
measures of damping are currently in use. Mostbaszd on
observation of the effects that damping has onntb&ons of
simple systems. Data on the damping inherent irerzd¢ cover
a wide range, extending from comparatively low derggfor

high-strength structural materials to very high gdarg for some
viscoelastic materials (typically, plastics or ébasers) with

limited strength. Structural components that areeptably
strong and that also exhibit relatively high dangpimay be
obtained by combining high-damping viscoelasticeriats with

resilient materials in the form of added layersirosandwich
arrangements (1, 2, 3). The damping efficiencyhefibration

is significantly dependent on the dynamic transtiffness of
isolators.

DYNAMIC TRANSFER STIFFNESS OF VIBRATION
ISOLATORS

This part of the paper explains why the dynamiagfer
stiffness is most appropriate to characterize tbheovacoustic
transfer properties of isolators and/or resilieatenial for many
practical applications. The dynamic transfer séffa is
determined by the elastic, inertial and dampingprties of the
isolator. The reason for choosing a presentaticesifresults in
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terms of stiffness is the practical consideratioat it complies
with data of static and/or low-frequency dynamiffreéss which
are commonly used. The additional importance atiaeforces

(i.e. elastic wave effects in the isolators) makes dynamic
transfer stiffness at high frequencies more comfiex at low
frequencies. Because at low frequencies only elaatid

damping forces are important, the low-frequency aigit

stiffness is only weakly dependent on frequency tduaaterial

properties. In principle the dynamic transfer sffs of vibro-
acoustic isolators is dependent on static preloddemperature.
The vibro-acoustic energy from the base of the atihg

mechanical system (input side) to its support (outpide)

transferred through isolators or a vibro-isolatiager, depends
on the mounting strategy, as well (4, 5, 6).

A familiar approach to the analysis of complex wsiory
systems is the use of stiffness — compliance +asrsmission
matrix concepts. The matrix elements are basisaicial forms
of frequency-response functions; they describealipgoperties
of mechanical and acoustical systems. On the haisithe
knowledge of the individual subsystem
corresponding properties of assemblies of subsystesn be
calculated. The three matrix forms mentioned abawe
interrelated and can be readily transformed amahgsbselves
(4, 7). The general conceptual framework for theppsed
isolator characterization and corresponding restl équipment
is shown in “Fig. 1”. The system consists of thibkecks, which
represent the vibration source (mechanical systeemsource of
vibration), isolator of vibration and the receivirgiructure
respectively.

Vibration source
\
11
/
R - isolators
E
T
X, << X E
/
Receiving structure

Figure 1. Block diagram of the source — isolatoreceiving
structure and the corresponding test equipment.

A point contact is assumed at each connection letwe
source and isolator and between isolator and receit each
connection point a force vect#r containing three components
F,F, F, and three moment component, M,, M, and a
displacementfAr containing three orthogonal translational and
three orthogonal rotational components are assignéegig. 1”
just one component of each of the vectBysy,, F, and x, is
shown. These vectors cont&n elements, where denotes the
number of isolators.

properties,

The blocked transfer stiffness is suitable for adot
characterization in many practical cases, the disian will
proceed from the simplest case of unidirectionhfation to
the multidirectional case for a single isolator.rFihe
presented case, the damping force is not neces&any.
unidirectional vibration of a single vibration isdbr, the
isolator equilibrium may be expressed by the follogv
stiffness equations

Fo=kyuX KX, and F, =K, % +K, 0%, (1)
where k;; and k,, are driving point stiffness's when the
isolator is blocked at the opposite side (kg= 0, x; =0,
respectively) and k;,andk,; are blocked transfer
stiffnesses, i.e. they denote the ratio betweenfolhee on
the blocked side and the displacement on the drside.
For passive isolators,, = k,,, because passive linear
isolators are reciprocal. The matrix form of eqaat (1) is

F = [k]x 2)
with the dynamic stiffness matrices
kK
| P2
=], " (3)
21022
For excitation of the receiving structure via idoka
F
k =-2 4)
X2

wherek,, denotes the dynamic driving point stiffness of the
receiver. From Eq. (1) and Eq. (4) it follows that

F, = pad X1 (5)

k2,2

1+
Therefore, for a given source displacementhe force

F, depends both on the isolator driving point dynamic

stiffness and on the receiver driving point dynastiffness.

However, if ‘kz,z‘ < O]lk,| then F, approximates the

so-called blocking force to within 10 %, i.e.
F, = F; plocking = ko 1%y (6)

Because vibration isolators are only effective basdw
structures of relatively large dynamic stiffnesshath sides
of the isolator of vibration and/or resilient masdy Eq. (6)
represents the intended situation at the receivemgl,
therefore these conditions have to be respectedh wbting
up the vibration isolator.

As the block diagram of the source/isolator/recesystem
in “Fig. 1" shows, the vibro-acoustic transmissitimough
isolators depends on the source vibration, theaispltransfer
stiffnesses and the receiver driving point stifsess Usually
vibrational sources do not vibrate unidirectiorfderefore, the
measurement of isolator stiffnesses for orthogalira@ctions is
of practical interest.

If forces and motions for single isolator at eacteiface
can be characterized by six orthogonal componetiteedq
translations, three rotations), the isolator maydescribed as a
12-port (7), The matrix form of the 12 dynamic fetifss
equations is equal to Eq. (2), where now
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ar=forth F= {1 ™

are the vectors of the six displacements, six angleotations,
six forces and six moments. THe2x12 dynamic stiffness

matrix may be decomposed into four 6x6 sub matrices

- [lkas] [kl,z]] ©
(ko] [kas]

where|k, ;] and [k, | are (symmetric) matrices of the driving

point stiffnessesjk,,| and [k,,| are the blocked transfer

stiffness matrices. Reciprocity implies that thesansfer

matrices equal their transpose.

Again, if the receiver has relatively large drivipgint
dynamic stiffnesses compared to the isolator, tiheek exerted
on the receiver approximate the blocking forces

F, = Fz,blocking = [k2,1] X1 9)

Therefore, the blocked transfer stiffnesses arecgpiate
quantities to characterize vibro-acoustic trangf@perties of
isolators, and also in the case of multidirectionddration
transmission.

For the general case the blocked transfer stiffmesisix

[k;1] of a single isolator contains 36 elements. However

structural symmetry causes most elements to be Zemmost
symmetrical shapes (a circular cylinder or a sqtwek) have
10 non-zero elements, i.e. five different pairs (7)

In practical situations the number of elementsvaai¢ for
characterization of the vibro-acoustic transfeusially even
smaller than the number of non-zero elements. Inyncases it
will be sufficient to take into account only on&at or three
diagonal elements for translation vibration, i.er bnly one
vibration direction (often vertical see air-conditing unit) or for
two (see recirculating fan) or three perpendicdlegctions (see
combustion engine for further discussion).

For some special technical cases, rotational degofe
freedom also play a significant role for determiomatof vibro-
acoustic transfer properties, e.g. in the flexitmepling in drive
shafts, which are often highly dependent on théopceand/or
static torque. Although it is not considered asibjext for this
paper; reference is made in (7) to literature ttesicribes how
rotational elements may be handled in the same asayhe
translational elements.

The model shown in “Fig. 1" and of Egs. (1) toi@gorrect
under the assumption that the isolators form tHg tansfer
path between the vibration source and the recesfingture. In
practice there may be mechanical or acoustical lipara
transmission paths which cause flanking transmissigor
measurement method of isolator and/or vibro-isofatiayer
properties, the possible interference of such flamlvith proper
measurements has to be minimized.

Let a representative case be considered where
translation amplitudes of the source in three atimal
directions are of the same order of magnitude. Tagmiori, at
least three transfer stiffnesses, i.e. the diagefednents for
translation of the transfer stiffness matrix, afeirterest for
characterizing the isolator. Of course, dependingymmetry,

the

this may be reduced to two transfer stiffnesses,one vertical
and one transverse.

The question of whether it is allowed to negleahsiverse
vibration depends now on two factors, as are thie & the
transverse stiffness to the vertical stiffnesshef isolators and
the ratio of the transverse stiffness to the valttiffness of the
receiver.

METHODOLOGY OF MEASUREMENT AND
INSTRUMENTATION

The goals of the study were to investigate andyapaihe
transmission of structure-borne vibro-acoustic gndlow of a
deterministic excitation in an air-conditioning tymecirculation
fan and internal combustion engines mounted thralifjerent
types of isolators to their surroundings, then eixpentally
confirm the theoretical blocking transfer stiffnesscessary to
implement in the vibro-isolation components. THigdretical
analysis was compared with experimental resulteglency
spectrum of the measured vibration signals, bedackafter the
vibro-isolating components, were compared and aedlyThe
measurement of transmission loss assumes that itite- v
isolating components behave in a linear fashionthatl it has
negligible mass compared to the mass loading. ddmslition is
satisfied for the investigated frequency range ibfation. The
method determines the impedance of the materiahvdeded
by a mass providing a compressive force equivatethtat found
when the vibro-isolation material is used betwedre t
mechanical system (vibration source, input) andpetip of
receiving structure (output). Hence, the systensists of three
blocks, which respectively represent the vibratisource,
isolators and the receiving structure, which carab®aounting
base, floor area of a technological structure, bufdy passenger
car, etc. A fixed contact is assumed at each caiumebetween
the source and isolator and between the isolatdrraoeiver.
This is done by measuring the transfer functiorthe&f mass-
loaded material at all the required frequencies The method
uses a vibration excitation system above which vi®o-
isolation component is placed with the loading bodytop of
the vibro-isolation component.

The vibro-acoustic energy from the vibration souiicgut
side) to the receiving structures (output side)gferred through
the vibro-isolators and/or resilient material (@ton isolation
layer) depends on their loading and implementatimaunting)
(see Fig. 1). If two accelerometers measure theatidn of the
sourcei;, and the vibration of the receiving structiigg(Fig. 1),
it is more suitable to determine directly the traission lossD
(in dB) of the isolators and/or vibration isolatilayer, which can
be calculated by the formula

22
D= 101g;—§ (10)
or, if the material properties of the isolator aahtact materials

are known, we can calculate the transmission loss fthe
relationship

2
D =10 lg —(241;12222)

(11
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where Z = pc represents the mechanical impedance, and
(kg/m?) is density, and (m/s) is phase speed of wave.

A real signal was generated by means of rotatind an

translation components of the mechanical system ted
consequent response on the receiving structuresmeasured
using the FFT analyser PULSE Bruel & Kjaer platforfis
portable analyser represents a system which gusemmnéliable
measurement processes, analysis, and evaluati@n sydtem
consists of a piezoelectric accelerometer witreguidency range
from 1 Hz to 10 kHz (amplitude +10 %), seismic depemeter
for low-frequency vibrations from 0.1 Hz to 1.5 kHmd display
and memory module. To identify the energy dominiamt-
frequencies more precisely, a seismic sensor washatd to a
steel cylinder (see “Fig. 2-bottom”). The fast Heutransform
(FFT) analysis was carried out using the FFT araliRJLSE.
Sensors mounted on the mechanical systems wehedtdy
means of a magnet in a given position. Measureménhe
investigated objects coincided with ISO standardejines for
accelerometers and with respect to past experig@ce€y. The
goal was to ensure that the sensor correctly rejmesl the
motion of the analysed components without intenigrvith the
response (check by microphone as well). Other ttaan
frequency range, for the type of signal, it wa® alsry important
to select the appropriate type of averaging as aralnumber of
averages per unit time over a suitable time windbdy.

7

Figure 2. The attachment of the acceleration semsthe
investigated systems and their design.

The microphone was used for the acoustic measutsroén
the signal generated by sources at a suitablendistiiom the
main source. The handheld B & K Type 2250-S clagetision
sound analyser was used to do FFT transformaticheofime
signal into the frequency domain. The use of treuatic signal
follows the confirmation of the vibration measurermeesults
and, in particular, the amplitude of the signific&equencies,
since by passing through the discontinuities thvailue may
amalgamate with the background, e.g. 20.8 Hz, 9923
197,7 Hz, etc. (see Fig. 3). The results of FFTysimcan be
used to detect the causes of the excessive dynlaauic and

damage of components of the analysed mechanicénsys
thereby reducing noise and transmitting oscillatico the
foundations (10, 11).
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Figure 3. Frequency spectra using the accelerorftef@rand
microphone (bottom).

The methodology presented in the paper can alapléed
to other excitation sources of low-frequency vilmat(12).

ANALYSIS AND EVALUATION RESULTS
Vibration Isolation of the Air-conditioning Unit (Fig. 2-top)
Appropriately designed passive vibration isolatdos the
dynamic load of the air-conditioning unit to prdteeechanical
systems, building structures, the surrounding emvirent, and
humans are primarily used to reduce unwanted vdraand
noise. Therefore, the dynamic analysis is conctedran the
measurement of the transmission of vibration end¢hggugh
vibro-isolation, and mainly the transmission obsty energy of
low-frequency waves through the rubber isolatorsvbich the
air-conditioning unit was mounted. The vibrationsigenerated
by a screw compressors and the fans of the airtbomicg unit.

Based on the comparison of the vibration accelamdtime
history, it can be stated that the greatest vibnaticceleration
amplitude is in the vertical direction and the korital plane can
be neglected (Fig. 4). The rotational frequencyed-observed
in time history. This is also confirmed by the fueqcy spectra
that accurately identify the rotational frequent$® Hz (Fig. 4).
This frequency and its harmonics are necessaryssesa the
potential resonance of this mechanical system.

By comparing the acceleration frequency spectresored
in the vertical direction in front of the rubbeoliator and behind
it, it was ascertained by the amplitude that thdividual
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frequencies are transmitted to the base. By comgatihe
amplitude of the frequency spectra it can be staed the
efficiency of the applied rubber isolators (Fig.tap) is
negligible up to 200 Hz. From this analysis it éolis that the
used type of isolators are not suitable for thaucdidn of low
frequency waves although the dynamic stiffnesssfatihe
requirements of the theory mentioned above.

S

[dB/1u m/s2]
120

100
80-
6
40

l

I I I I I I I 1
0 100 200 300 400 500 600 700 800
[Hz]
Figure 4. Time history of the dynamic response thied
frequency spectrum before the isolator (red cuave) after the
isolator (blue curve).

Vibration Isolation of the Recirculation Fan (Fig. 2-bottom)
The dynamic loading of the recirculation fan afgitt mounting
on the base plate. It is important to adjust thengploaded
housed vibration isolators so that the dynamidres in the
direction of the dynamic forces is maximal. In casfean
incorrect setting, the isolator can generate unedntbrations
transmitted to the fan structure and its base (IBg isolators
used are designed for vertical dynamic load. Withhigh
dynamic load in a direction perpendicular to thésaof the
springs where the dynamic stiffness is neglecteztetis contact
of the fixed parts at the inlet (before the sprjreysd also at the
outlet (behind the springs) of the isolator (seg. Brbottom),
which significantly reduces transmission loss @& igolators.

The transmission loss in vertical direction for ttveo
selected spring isolators loaded with radial dyrafoice in the
frequency band up to 800 Hz is 16 dB and 19.1 dipeetively
(Fig. 5). Relatively low values of isolators trarisgion loss
(typically more than 23 dB) are a result of a snaéénuation,
even a negative attenuation (-3.2 dB) at frequenafe375 Hz,
which cause excessive axial dynamic loading on thse
isolators. If only the axial dynamic load in theduency band
up to 800 Hz (Fig. 5-bottom) is taken into accdionthe housed
vibration isolators measured, the transmission iessly 9 dB
and 12.6 dB respectively, and at a frequency oft378 negative
attenuation of -5.3 dB was measured.

In this case, the blocking dynamic stiffness in théal
direction can be neglected and does not corresgonthe
requirements of the theory mentioned above.

It can be said, however, that amplitudes of lovetfrency
waves are sufficiently damped, as is the rotatidrejuency,
because low frequencies have a negative impadtemachine
itself, the building and technological structuresveell as on
bystanders (up to 80 Hz).
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“ 160 200 P 500 50 760 80
- [HZ] . - . .
Figure 5. Frequency spectra characterizing thestnzgsion

loss through two housed spring vibration isolafooen radial

forces (top) and axial force (bottom).

Based on the measured results and the theory meatio
above, it can be stated that the transmissiondb$ise housed
spring vibration isolators to the base structusuiicient for the
low frequency amplitudes and can be increasededirfirdgquency
range (up to 800 Hz) by reducing the dynamic |oiithe fan in
the axial direction from 300 Hz to 550 Hz frequeneyge,
where the characteristic frequencies of bearingscanpling are
significant (13).

Vibration Isolation of a Passenger Vehicle’s Combumn

Engine (Fig. 6). The load on the car shock absorbers can be

assumed in three directions. Measurements, howéaare
shown that the decisive load is in the verticaédiion and the
load in the horizontal plane does not have a sicant effect on
the vibro-isolator transmission loss (5, 14). Dueirtevitable
internal losses in the vibro-isolation layer, thput energy flow
must be larger than the output energy flow, dsésase on engine
and transmission shock absorbers (Fig. 6). Deténgnitthe
frequency components transmitted through the shbskrber are
rotational frequency and its harmonics. The maxiat@nuation
of the shock absorber is within the frequency irgkirom 300 Hz
to 800 Hz. From the FFT analysis before and afterabsorber,
the attenuation for each dominant or importantdegigy can be
determined. The transmission loss of the engineatidn damper
under investigation is more than 32 dB of the fesguy range 5 Hz
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to 800 Hz. The dominant second harmonic of spesgLincies
are 23.2 dB and 23.7 dB, respectively (14). Thealtation of
isolators coincides with the conditions for thediimg force and
have a relatively large dynamic stiffness on thaides.

[$——Input (engine) |cursor values
Output (car body) 1X: 67.000 Hz
[dB/1u m/s2] Y: 117.697 dB/1u m/sz

134 Hz V: 94.482 dB/1u m/s*

130 X: 134,000 Hz
E Y: 147.903 dB/1u m/s
=
©

Y: 115.545 dBf1u m/sz
| &
h MM“W'
o 100 200 300 400
Frequency, Hz

Figure 6. Frequency spectra characterizing thestnigsion
loss at the combustion engine of the passengecleehi

5
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DISCUSSION AND CONCLUSIONS

With respect to the isolator properties, geomeltistepes
which have large transverse stiffnesses may alsplaji large
rotational stiffnesses. When isolators of such skape applied
in thin-walled structures and for rather high freqay isolation,
transfer stiffnesses which include rotational comgrds may
become quite important. In such cases the aboveioned
simplification, which takes only one, two or threanslational
stiffnesses into account, could be inaccurateergurpose of
analysing the vibro-acoustic transmission.

When designing the vibro-isolator of a given medtan
system, it is necessary to know the frequency ramigéhe
required attenuation. From examples above-mentionisctlear
that the viscoelastic isolators do not attenuafécsently low
frequencies even at the high dynamic stiffness hef base.
Similarly it is if the resilient materials is us€g). For amplitude
attenuation across the frequency band, spring-thagikent
blocks should be applied, but their loading mustrbéirection
of the spring axes. The transverse loads can leatbhtact
resonance and the transmission loss will be redulsatator
with very good transmission damping characteristiage high
dynamic stiffness around their entire circumferenegat
confirms also the results of the shock damper nreasent of a
passenger vehicle.

Effective selection, or design of a vibration igofeand/or a
vibro-isolation layer, significantly reduces the is® and
vibration transmitted to the surrounding environtren well as
into the mechanical system itself.

In conclusion, a good judgement of the type of afion
isolators and their typical installation environrh&needed to
decide on the number of transfer stiffnesses tlaaeho be
determined for an isolator.

ACKNOWLEDGMENTS

This work was supported by the Slovak Research and

Development Agency under the contract No. APVV-83®and with
the support from the Scientific Grant Agency of thBnistry of
Education of the Slovak Republic and the Slovakd&ray of Sciences
(VEGA) 1/0544/16.

This contribution was made possible by the project
“Improving the safety of nuclear installations igissnic
events” (ITMS project code: 26220220171), on theistat
support from the operational program for researth
development financed by the European fund for nedjip
development.

o]

REFERENCES

1. White, R. G.,and Walker, J. G., 1982, “Noise sitlation”.
John Wiley & Sons inc, Chichester England.

2. Ziaran, S., 2006, “Vibration and acoustics. ¥tmn and
noise control in industry”. Monograph, Issued by\walk
University of Technology Bratislava, pp. 330.

3. Dresig, H. and HolzweiRig, F., 2010, “Dynamic$ o
Machinery. Theory and Applications”, Textbook, Syyeér.

4. ISO 10846-1 Acoustics and vibration. Laboratory
measurement of vibro-acoustic transfer propertiessilient
elements. Part 1: Principles and guidelines, 1980, CH
1211 Genéve 20, Switzerland.

5. Ziaran, S. and Chlebo, O., 2017, “Effects ofldatng
machine vibrations on the transmission of struchome
and air-borne sound energyhternoise pp. 6335-6344.

6. lIzrael, G., and Bukoveczky, J., and Gulan, LO1R
“Influence of nonstandard loads onto life of chossrdules
of mobile working machinesMachine Design, 3 (1), 13-16.

7. Werheij, J.W., 1980, “Measuring sound transferotgh
resilient mounting for separate excitation withhagonal
translation and rotationslnternoise, pp. 723-726.

8. Darula, R., and Ziaran, S., 2011, “An experimesitidy of optimal
measurement point location for gear wheel stateeafr
measurements by means of vibro-acoustic diagnaitiasal of
Mechanical engineering, 62 (2), p. 61-79.

9. Ziaran, S. and Darula, R., 2013, “Determinatibthe State
of Wear of High Contact Ratio Gear Sets by Means of
Spectrum and Cepstrum Analysisurnal of Vibration and
Acoustics ASME, Vol. 135 No 2/2013, pp. 021008-1-
021008-10.

10. Ziaran, S., 2013, “Technical diagnostics”. 8tfec
monograph. Issued by Slovak University of Technglog
Bratislava, pp. 332.

11. Randal, R. B., 2011, “Vibration-based Conditianitoring
Industrial, Aerospace and Automotive Applicationdbhn
Wiley & Sons, Ltd.

12. Ziaran, S., and Musil, M., and Cekan, M., ardeGo, O.,
2013, “Analysis of Seismic Waves Generated by Bigst
Operations and their Response on Buildingsternational
Journal of Environmental, Earth Science and Engineering,
Vol: 7 No: 11.

13. Ziaran, S. and Chlebo, O., 2016 “Dynamic analyg a
recirculation fan with proposal for a reduction dyinamic
loading”. Research project of SjF STU Bratislavd @@in
Slovak).

14. Ziaran, S. and Chlebo, O., 2016, “Noise Corffi@nsmission
Methods of the Combustion Engine by Means of Reduct
of the Vibration” Archivesof Acoustics, 41 (2), 277-284.

6 Copyright © 2018 by ASME



